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ABSTRACT

Supercritical CO3 cycles offer a new thermal power generation paradigm but their commercial deployment has
been slow due to significant turbine design challenges. Rotor bearings and seal design are identified as the critical
challenges due to the high temperatures, high pressures, and high rotational speeds, a combination of extreme
values not encountered in any other past turbine applications. This paper presents a new supercritical COy
turbine configuration that addresses these challenges by introducing a rotor shaft cooling zone to control the
temperatures encountered by the seals and the bearings. This makes it possible to use proven conventional seal
and bearing technology. The salient feature is referred to as a ‘cooling pillow’ that cools the rotor shaft to a
tolerable seal temperature by circulating supercritical CO5 fluid through the annulus and at the same time
provides dynamic support to the rotating shaft against vibration. Turbulent heat transfer and frictional heat
generation correlations for the annuli have been employed to evaluate the cooling performance and the
simplified Reynolds equation for hydrodynamic fluid film lubrication has been employed to evaluate the dy-
namic performance. Design charts and figures are presented using non-dimensional parameters to help with the
design of supercritical CO; turbines at different temperatures and sizes. The COMSOL rotor-bearing system
simulator consisting of bearing and disks with the main shaft has been employed to produce Campbell plots and
carry out a parametric study of rotor vibration frequencies varying with the cooling zone design. The cooling
capacity is found to be significantly higher than the cooling load required. Moreover, the convection heat transfer
coefficient and dimensionless temperature distribution are independent of radial clearance and this offers trade-
offs in terms of controlling rotor vibrations. Through the pursuit of such trade-offs, it is demonstrated that dy-
namic performance can be improved by up to 55% and 60% for the 0.5 MW and 10 MW turbine sizes,
respectively.

1. Introduction

to as a step-change transformational electricity production method by
the US Department of Energy and is generally accepted as the next-
generation technology in a diverse range of applications including nu-
clear power generation, fossil fuel power generation, and concentrated

Electricity has been the main power carrier for over a century and it
is difficult to think of a feature of modern civilization that is feasible
without it. Two-thirds of the world’s electricity is produced by burning
fossil fuels [1]. Fossil fuels have dominated the electricity generation
industry since its early days. This may be changing now with fossil fuels
getting replaced by other sources. Reasons for this change include
resource limitations, environmental implications, climate change
impact, and advances in renewable energy technology.

A significant advance in thermal power generation in recent years
has been high-temperature high-efficiency power cycles such as the
supercritical COz cycle. The supercritical CO3 Brayton cycle was referred
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solar power [2-6]. In this cycle, CO3 is used as the working fluid and its
pressure and temperature are maintained above the critical point (7.39
MPa and 31.1 degrees Celsius). Carbon dioxide is the most appropriate
fluid for this cycle due to its near-ambient critical temperature and
relatively low critical pressure. It is also stable, inert at a wider range of
temperature, non-toxic and, inexpensive. Unlike steam Rankine cycles, a
supercritical CO Brayton cycle can operate at very high temperatures
and manageable pressure ratios. The downside in any Brayton cycle is
the high compression work but this can be minimized in a supercritical
CO4 Brayton cycle due to low compressibility and high fluid density near

Received 17 April 2021; Received in revised form 19 June 2021; Accepted 11 July 2021

Available online 15 July 2021
1359-4311/© 2021 Elsevier Ltd. All rights reserved.


mailto:m.uddin@uq.net.au
www.sciencedirect.com/science/journal/13594311
https://www.elsevier.com/locate/apthermeng
https://doi.org/10.1016/j.applthermaleng.2021.117345
https://doi.org/10.1016/j.applthermaleng.2021.117345
https://doi.org/10.1016/j.applthermaleng.2021.117345
http://crossmark.crossref.org/dialog/?doi=10.1016/j.applthermaleng.2021.117345&domain=pdf

Md. Uddin et al.

Applied Thermal Engineering 196 (2021) 117345

Nomenclature

Cooling length factor

Bearing spacing factor

Radial clearance (m)

Specific heat (J/kg.K)

The diameter of the shaft (m)

h Hydraulic diameter (m)

Eccentricity (m)

Eccentricity ratio (e/C)

Modulus of elasticity (N/m?)

Convection heat transfer co-efficient (W/m?2.k)
Area moment of inertia (m*)

Thermal conductivity of the materials (W/m.K)
Fluid heat conductance (W/m.K)

K Stiffness (N/m)
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Nu Nusselt number

Pr Prandtl number

Qs Frictional heat (Watt)

Qc Conducted heat (Watt)

R, R; Shaft radius (m)

Re, Axial Reynolds number

T Temperature

Ta Taylor Number

u Dynamic viscosity of the fluid (Pa.s)

0 Kinematic viscosity of the fluid (m2/s)
Va The axial velocity of the fluid (m/s)
Vo The linear velocity of the shaft (m/s)
® Angular velocity of the shaft (rad/s)

A Dimensionless parameter

c Stefan Boltzmann constant (W/m 2K %)
v Kinematic viscosity

the critical point [7]. The supercritical CO5 cycle is being proposed for a
variety of applications but the main motivation for the authors is its use
in Concentrating Solar Thermal (CST) power generation. It has been
over ten years since the supercritical CO, Brayton cycle has been pro-
posed as a critical step-change for CST [8-9] due to its high efficiency
and smaller size compared to the conventional steam cycle.

Supercritical CO, cycle layouts have been studied extensively
[10-14]. The supercritical CO, turbine blade design, impeller design,
compressor design, feasibility at different operating conditions, material
choice, aerodynamic and mechanical design, and their performance
were also investigated in relatively recent literature [15-18]. Regardless
of all this effort, notwithstanding several laboratory-scale tests, there is
not yet a commercial supercritical CO; turbine. The technology has not
advanced beyond the lab-scale test rigs in the USA, Mexico, Japan, Korea
[19]. Two notable studies identified significant challenges in super-
critical CO2 power block technology [20-21]. The Tokyo Institute of
Technology identified the bearing and seal design are the critical chal-
lenges for the supercritical CO turbine [22]. The exceptional confluence
of high temperatures, high pressures, and high rotational speeds are the
reason [23]. Table 1 shows how the supercritical CO, turbine fosters
challenges over the existing turbine system in terms of temperature,
pressure, and rotational speed.

Alexander et al. 2018 [18] investigated the suitability of roller
bearings, foil bearings, and magnetic bearings in supercritical CO; tur-
bine design. While magnetic bearings remain to be an option, their
additional complexity (actuator, sensor, bearing controller, etc.) re-
quires further investigations before they can be incorporated into a su-
percritical CO; turbine design. Foil bearings offer limited thrust capacity
and roller bearings are also not favored due to the high rotational speeds
such turbines are expected to operate. Hydrodynamic or hydrostatic oil-
lubricated bearings offer a suitable solution in terms of their load and
speed capability but they cannot be subjected to high temperatures and
need to be isolated from high-temperature by using appropriate sealing
arrangements. The additional concern of high-density fluid at high
pressure in the bearing passage combined with high temperature and
high-speed condition creates stability issues and high windage losses

Table 1
The supercritical CO, turbine over the existing turbine system [23-26].

Parameters Gas turbine Steam Supercritical CO»
turbine turbine
Turbine inlet >1,000 <600 700

temperature, °C
Maximum Pressure, MPa <3 30 22
Rotational speed, RPM 3,000-3,600  2,600-3,000 30,000

[23]. Some common sealing components and materials such as propyl-
ene, O-rings, ethylene, monomer, diene, and rubber were found as un-
suitable for supercritical CO5 as their use was restricted to temperatures
below 100 degrees Celsius. Instead, labyrinth seals (LAB) and dry gas
seals (DGS) were reported as suitable. The present dry gas seal tech-
nology is limited to maximum temperatures below 200 degrees Celsius
[27]. While using the dry gas seal, it should be noted that the shaft
temperature is required to keep within the dry gas seal temperature
limit. Aaron et al. 2018 [28] focus on the design of the supercritical CO,
turbine seal and test rig. Film riding face seal technology was also rec-
ommended for supercritical CO, turbine design. Such a type of seal is
currently under the development phase.

Past literature suggests that new bearing seal and bearing technology
to operate in the high-temperature high-pressure gas region has not been
feasible. Proven bearing and seal technologies offer the only feasible
option but this means the hot gas needs to be confined behind temper-
ature and pressure barriers, and the seals and bearings should be pro-
tected against hot metal temperatures. Addressing the above challenges
the University of Queensland (UQ) designed a modular and scalable
supercritical CO5 radial in-flow turbine configuration (Fig. 1) with size
ranges from 1-MW to 30-MW for the CST application, which is the
subject of this study [5]. The turbine provides temperature and pressure
isolation using two seals. The seal closest to the rotor is a labyrinth seal
that confines the high-temperature fluid but not the pressure. The sec-
ond seal is a dry gas seal that confines the pressure. The labyrinth seal
protects the dry gas seal against contact with high-temperature gas.
However, the seal is still in contact with the rotor shaft. Therefore, to
keep the dry gas seal temperatures tolerable, a cooling zone length was
included between the dry gas seal and the labyrinth seal to limit the
rotor shaft temperature, which cools the shaft by a circulating cooling
stream. The necessity of a shaft cooling zone length is not only for the
UQ turbine but for all supercritical CO5 turbines employing conven-
tional seals and bearings.

While solving the seal protection problem, the cooling zone in-
troduces additional unsupported shaft length, which may cause vibra-
tion problems, a situation that is already of concern due to the high
rotational speeds employed by such turbines. Swann and Russell [29]
analyzed the structural heat transfer for a small size (100 kW) concept
design of supercritical CO, turbine shaft-cooling zone along with the
shaft materials for a given condition. This study aims to present a
parametric model for the cooling zone design and investigate the
possible intrinsic dual functionality including cooling and dynamic
support simultaneously on the rotating shaft. This is a novel approach
and has the potential to remove the main stumbling block that is pre-
venting commercial deployment of supercritical COy turbine
technology.
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2. Problem definition, geometry, and boundary conditions

The operation of the shaft cooling zone cannot be examined in
isolation and it needs to be presented as a component in a turbine design.
A generic radial turbine is introduced here so that the paper becomes
useful to other high-temperature supercritical CO5 turbine designers.

2.1. The problem layout and setup
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G
DGS LAB
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Supercritical CO, radial-in-flow turbine full layout [29].

location of the center of mass and all other component widths has been
defined in terms of the shaft diameter, D, as listed in Table 2. The def-
initions in Table 2 may show slight variations between different turbine
designs depending on the aerodynamic design method employed,
boundary conditions, and the target shaft power. In a first-pass analysis,
these differences may be ignored.

Table 2
The radial turbine rotor shaft with essential elements includes lab- Location of the components and their widths.
yrinth seal, cooling length, dry gas seal, and bearings are shown in Fig. 2. Parameter  Description Average Reference
The labyrinth seal is placed near the rotor and the dry gas seal is placed value
near the bearing. The dry gas seal is not in contact with the hot- X1 The rotor wheel 0.40 D [30]
temperature gas but is in contact with the rotor shaft. The rotor shaft center of mass
is subject to the turbine inlet temperature at its rotor end and needs to be XX Labyrinth seal 0.22D [31-32]
cooled. The cooling length between the labyrinth and dry gas seals is an width .
. ) o X3-Xa Cooling zone aD This paper
annulus outside a fast-rotating shaft. A cooler stream of supercritical length
CO4, cycle fluid circulates through this length at a pressure high enough X4-X3 Dry gas seal 0.26 D [27,33-34]
to prevent leakage from the labyrinth seal. Supercritical CO, is a good width
cooling fluid choice due to its high heat transfer characteristics as a X5X4 Bearing width 070D [35-37]
. . . . X6-Xs5 Bearing bD The bearing separation, b, is a
coolant [29]. The thermal management in the casing is also important . ;
: . o : separation value to be set by the designer
but is easier to manage due to the lack of sliding contacts and is not based on the gearbox design.
considered in this paper. X7-Xg Bearing width 0.70 D As in Xs-X4
The origin of the x-axis is set at the rotor wheel center of mass. The
r
?
i LAB Dry gas .
' Seal Seal Bearing
: Cooling =\m- Bearing
E | | zone Spacing
rotor |
—_— — . _i. e o | Sttt — ST e s S S eSS ——a—| P —»X
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Fig. 2. Radial turbine rotor support essential elements and critical parameters.
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2.2. The boundary condition and assumptions

In designing a radial turbine, some invariants are dictated by the
present seal bearing technology, e.g. the maximum allowable shaft
perimeter velocity(upay) and maximum allowable shaft temperature at
the dry gas seal boundary(Tqgs). The following section should apply to
supercritical CO, turbines of arbitrary turbine inlet temperature and
rotational speed as long as these constraints are observed. The temper-
ature and velocity boundary conditions are given in Table 3. The
reference temperature, T,, is an invariant dictated by the present seal
technology.

The shaft diameter, D, is a degree of freedom available to the
designer. The author assumed that it is equal to the rotor exit diameter.
The rotor can be designed by several mean line design methods offered
in the literature. Sangkyoung and Hal [30] offer a comparative analysis
of these methods and compares their design outputs at a power range of
0.3-10 MW. In terms of the rotor exit radius, the differences between
different design processes are not different. Therefore, the author
assumed that the values listed in Table 4 applicable to any radial su-
percritical COy turbine design subject to the constraints already
mentioned.

Finally, an assumption needs to be made on the shaft material. Steel
is not an option at the temperatures usually targeted with supercritical
CO; cycles and nickel-based alloys such as Inconel are used. Inconel
thermal conductivities vary only slightly with the grade and a value of
22 W/m-K, which is the thermal conductivity reported in the literature
for Inconel 625 annealed [38] and Inconel 718 aged [39] at a temper-
ature of 700 degrees Celsius and can be used as an approximate value for
other Inconel alloys.

3. Thermal analysis

Referring to Fig. 2, the purpose of the cooling zone is to make sure
that the temperature T3 at x3 is lower than T,. This is achieved by
circulating cool supercritical COy through the cooling zone. The heat
load that needs to be removed has two components, the conducted heat
(Qc) and the frictionally generated heat (Qg). Assuming the interior
temperature of the shaft remains essentially uniform during the heat
transfer, the integral conduction heat load can be expressed as follows.

D? (T, — T D(Ty — T,

0. =™ (To=Ts) _ ok DTy —To) )
4 X3 — Xo 4 a

where a = %52,

At the cooling flow rates of interest, the frictional heat generation
due to axial travel can be ignored compared to rotational heat genera-
tion, provided the clearance is not too small. For the frictional heat
generation in turbulent rotating flow in an annulus, different correla-
tions exist in the literature, including Peter [40], Ralph [41], and James

Table 3
Temperature and velocity boundary conditions.
Parameter  Description Value Reference
T, Stator exit Tu This is related to the Turbine
temperature inlet temperature, TIT,
through the stator nozzle
design. In this paper, it is
assumed to be equal to TIT
To The temperature at Tc The coolant inlet temperature

the edge of the
labyrinth seal
Ts The temperature at To
the end of the
cooling zone

is assumed to be 100 degrees
Celsius.

200 degrees Celsius, set by the
dry gas seal conditions and not
expected to be relaxed in the
near future

Limited by the present dry gas
seal technology

\% The shaft linear Vo<=120
speed (=oR;) m/s
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Table 4
The assumed variation of the shaft diameter with power (assuming the shaft
diameter is equal to the rotor exit diameter).

Power (MW) Shaft diameter, D (mm) Angular velocity, o (rad/s)
0.5 76 3141

1.0 81 2827

10 252 900

[42]. They all have the common form as
Q; = Copw*D*L, = Copw’D’a (2)

and by using the definition of the limiting velocity, Vo = oR with Vj as
defined in Table 3,

0, = CpViDa ®

Fig. 3 plots the ratio of the conducted heat to frictional dissipation
against the cooling zone length. For very small cooling zone lengths (a <
0.10), the conduction heat load dominates. However, such short lengths
are not sufficient to dispose of the heat receiving from the turbine
backplane through conduction. For very large cooling zone lengths (a >
2), the effect of the conduction heat load is negligible. A long cooling
zone is not desirable because of its damaging effect on shaft vibrations.
For the cooling zone lengths in between, need to consider both con-
duction and frictional heat loads.

Critical to an accurate determination of the cooling zone length is the
value of the heat transfer coefficient. The heat transport mechanisms are
complex in this annulus region around the fast-rotating shaft confined
by the stationary boundary. The annulus clearance is very small
compared to its length and the shaft is rotating. Therefore temperature
variation normal to the flow and in the angular direction is assumed to
be insignificant. At high enough speeds, so-called Taylor vortices are
generated. The dimensionless heat transfer coefficient, the Nusselt
number, can be expressed as a function of Taylor, Prandtl, and Reynolds
numbers.

A comprehensive review of the past heat transfer studies at different
Taylor number ranges is provided by Fenote et al [43]. The Taylor
number is similar to Reynold’s number in the sense that it represents the
ratio between the inertial and viscous effects, except that in the Taylor
number, the inertia considered is the rotational inertia. Different Taylor
number definitions have been offered in the literature, the author used
the definition from Fenote et al:

Ta — w2R1 (Dh/z)2

4
0?2
103 =
glconel sr;aféOTH.:;J(.)gO‘S:C 414 Mpa  D=76mm (0.5 MW turbine)
A /B a @ — D=81 mm (1 MW turbine)
102 + —— D=252 mm (10 MW turbine)
101 4
g 1004
[+
10—1 4
10—2 4
1073 T T T T T T T
0.00 0.25 0.50 0.75 1.00 1.25 1.50 1.75 2.00

a=L/D

Fig. 3. The relative magnitude of conduction and frictional heat load at
different shaft diameters.
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where the hydraulic diameter is

D 48 _2[#(R; — RY)]
"T P, xR, +R)

=2(R,—R)) =2C (5)

Combining the two equations and substituting the velocity boundary
condition from Table 3, obtain:
VIR —-R) ViC

T = 6
a 021?1 021?1 ( )

The Taylor number is strongly influenced by the value of the clear-
ance (Ry-Rj). The lower limit for this parameter is the clearances
encountered in hydrodynamic bearings, (R2-R;) > 0.001R; [38]. By
substituting into Eq. (6) C = 0.001R;, CO4 properties at Ty, the velocity
boundary condition in Table 3, and the shaft radius range given in
Table 4, the minimum value for the Taylor number as Ta > 9.6 x 10°-
10.6 x 10°.

For Ta numbers above this range, Fenote et al offer the following heat
transfer correlations for the radial heat transfer:

Nu=0.092(TaPr)'?  [Ta=1x10° —5x 10" )

Nu = 0.42 (TaPr)*? [Ta = up to 1 x 10%] (€))

R
Nt — 8.854( I;Je)O.ZGZ(Pr)OA

[e=0.12Ry; Ta=8 x 10° —2 x 107]
©)

With the Nusselt number defined as Nu = hDy/ks = 2hC/ks and
noting that Ry = D/2, the Eq. (7) delivers a heat transfer coefficient as

h=C,/D'? (10)

Where Cj, is a coefficient that only depends on the fluid properties:

viepr\ ' vaierr\ "
Gy = 0.092 x 1.26< 2 ) =0.116 [ = (W/m’?.K) (D

The velocity V, is a constant representing the technology constraints
as defined in Table 3.

The above heat transfer correlations are valid for relatively low axial
Reynolds numbers. Following the advice given in Fenote et al [43], an
axial Reynolds number of Re, = V,Dp/0 = 2.5 X 10%is adopted and the
flow rates to maintain this axial Reynolds number computed for 1 mm
clearance and at different turbine sizes, namely 0.080, 0.085, and 0.263
kg/s for the 0.5 MW, 1 MW and 10 MW rotors, respectively.

Once the approximation for the heat transfer coefficient, h obtain,
the temperature distribution along the cooling zone can be determined
by solving the one-dimensional conduction equation subject to cooling
on its surface:

Referring to Fig. 4, the governing energy balance simplified equation
can be written as:

L :
—idxe— | |
A®®)
Thase P(x)
0 > X

e E Y R S

Fig. 4. Nomenclature for the differential heat conduction equation.
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The last term in this equation is radiative loss. For temperatures
presently considered for this application, this term is relatively small.
Fig. 5 shows the ratio of the convective to radiative loss terms for unit
length at different surface temperatures. For a low temperature (<600
degrees Celsius), the radiation heat loss is less than 0.6% of the total loss
even for the largest rotor size considered in this study. The contribution
of the radiation term increases with increasing temperature but even at a
temperature of 1000 degrees Celsius, it is still less than 2%.

Removal of the radiation loss term results in a simpler equation:

LTy = 3 (T — T )dx 7%(& [employing Eq. (3) for Q¢ with

a=dx/D]
CT 1 (oaen (V5 o 7— 1) ( G2%
Sgade= 0404 | ) x| T Te)de={ =

1

* —dx

D

13)
vaiepr\'t
— o”f 2

Let, A = 0.464(02k3> X D73 (1/m?)

and B = C%XVS *% (K/m?) where Cg = 0.01 for peter correlation [40]

d’T
S 5 A*(T-To)+B=0
Let,0 =T — Ty,
d*o
=¢;z;§ —-/49 -F l? = 0 (],4)

This is a non-homogeneous 2nd order ODE yielding the solution
. B
0=Cie™ +Ce™+ m= VA] (15)

Employing the following boundary conditions

at x=0, 0=0y
do

t x=L —=0
ar x dx

The second boundary condition reflects the fact that the shaft tem-
perature is expected to drop down to the allowable limit at the end of the

Inconel solid shaft it
2254 sCO, properties at 100°C and 14MP:

D=76 mm (0.5 MW turbine)
D=81 mm (1 MW turbine)
—— D=252 mm (10 MW turbine)

200 1

1754

150 A

Qconv / Qrad

1254

100 A

75 A

50 - T T T T T T T T
600 650 700 750 800 850 900 950 1000
Surface temperature, Ty (°C)

Fig. 5. The ratio of the convective to radiative loss over a unit length of
the shaft.
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cooling zone and there is no heat transfer into the seal. Applying the

boundary conditions, the expression for 6 can be obtained as follows:
6—2  cosh [VA(L—x)]
O —% cosh [v/AL]

(16)

where the hyperbolic function is defined as coshx = £,

Using this equation, Fig. 6 shows the nondimensional temperature
distribution as a function of x/D corresponding at three different turbine
sizes. The chart has been plotted for Inconel 718 solid shaft and super-
critical CO, temperatures calculated at the coolant inlet temperature,
T, as defined in Table 3. The curves for 0.5 MW and 1 MW are almost
identical. The 10 MW turbine shows faster cooling characteristics
compared with the other two. This may be due to the larger diameter
increase in the shaft surface area as well as the cooling area. The shaft
surface temperature can be easily evaluated at different T, and Ty
temperatures corresponding to different x/D values. For example, for a
0.5 MW turbine size and an axial position of x/D = 0.3, the nondi-
mensional temperature value read from the chart is 0.016. If the rotor
backplane temperature is Ty = 600 degrees Celsius and for the value of
‘A’ and ‘B’ at supercritical CO5 temperature T,,=120 degrees Celsius this
yields the shaft surface temperature as 217 degrees Celsius.

Until the temperature becomes very high and radiative heat transfer
becomes important, the curves plotted in Fig. 6 are independent of the
turbine inlet temperature and can be used to analyze cooling zone length
requirements at other temperatures. The interesting finding of the above
analysis is the fact that the dimensionless temperature is independent of
the radial clearance, C. This is because substituting the physical con-
straints dictated by the equipment limitations listed in Table 3
(maximum allowable dry gas seal temperature, To, and the maximum
shaft surface speed, (Vo) allowed us to eliminate the effect of the radial
clearance.

This is an interesting finding because the next section explores how
the cooling zone can be made to provide additional shaft support against
whirling while maintaining an adequate cooling function. Having the
radial gap as a degree of freedom in this analysis offers a significant
advantage.

4. Mechanical analysis

Mechanical support on the rotating shaft is another important part of
the analysis in this study. It will investigate whether it can provide some
extra support on the rotating shaft employing annulus cooling length
with high-pressure supercritical CO; circulating fluid.

The overhung shaft is supported by two bearings on the right (Fig. 2).
The high rotational speed and overhung arrangement make an out-of-

10°

—— D=76 mm (0.5 MW turbine)
—— D=81 mm (1 MW turbine)
—— D=252 mm (10 MW turbine)

10-1 4

1072 4

10-3 4

10—4 -

105 4

10-6 4

[©-B/A] / [©4-B/A] (dimensionless)

10—7 4

10-8 4

10~? T T T T .
0.0 0.2 0.4 0.6 0.8 1.0 12 14

a=x/D (dimensionless)

Fig. 6. Temperature distribution over the length of the cooling zone as a
function of x/D.
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balance force and lead the rotor shaft to whirl in an elliptical orbit. As
the shaft undergoes a whirling motion, the circulating fluid squeezed
between the shaft and annulus outer wall produces a reactive force, so-
called restoring force, that tries to push the shaft back to its central
position. This happens only when the shaft gets closer to the wall. This
action is similar to what happens in hydrodynamic bearings. In hydro-
dynamic bearings, Reynold’s theory of hydrodynamic lubrication
[44-47] is used to estimate this force. The minimum rotational Reynolds
number associated with our application is 4 x 10° falls within the range
of Reynolds number typically encountered in hydrodynamic lubrication,
which ranges from 2 x 103 to 10° [48]. Hence it is expected that Rey-
nolds’s theory is useful to provide an approximate answer as explained
below. In Reynold’s theory, the magnitude of the force is influenced by
the annulus gap clearance: the smaller the radial clearance, the higher
the magnitude of restoring force. There is a degree of freedom to vary
the annulus gap clearance to maximize the support because the thermal
design does not place a constraint on gap clearance as per the findings
stated in the previous section.

In standard journal bearing theory, restoring force is generated in
response to an external static load. In the supercritical CO; rotor shaft
cooling zone, there is no significant external load being applied on the
shaft but the restoring force is generated in response to the whirling
displacement of the shaft. When the shaft is not whirling, there is no
force. The physical representation of the rotor shaft annulus and the
notations are given in Fig. 7.

The shaft displacement and reaction forces are expressed in the fixed
(X, Y) coordinate and flexible (r, t) coordinate system. The “X” axis is
chosen to align with the load direction (W). The attitude angle ¢ is
measured between the load direction and the shaft eccentricity (e). In
this instance, there is no external load and the deflection of the shaft is
caused by whirling. Therefore, the resultant load direction will be al-
ways in the direction of eccentricity. The tangential component of the
force will be negligible and therefore the attitude angle will be zero.
Fig. 7 was drawn at the instant when the fixed X, Y coordinates coin-
cided with the rotating r, t coordinates.

Different restoring force correlations exist in the literature, including
Luis, Kingsbury, and Genta [44,46-47]. They have the common form as
given below.

3

R
W, = Cd}lVU

& @ 17

where Cj is a constant.
They are all derived from Reynold’s theory of hydrodynamic

No external
load
Annulus _—T—__
wal l/ - ; N »
/ : N\

Fig. 7. A physical representation of the rotor shaft annulus and notations.
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lubrication assuming laminar flow and neglecting inertial effects. They
have been very successful in producing robust and enduring journal-
bearing designs used in various applications. A typical journal bearing
has a C/R value is 0.001 and maybe rotating at speeds well above 10,000
revolutions per minute and lubricated by the process fluid [46]. The
cooling zone proposed in this paper operates at higher speeds but not too
far out from the speed range experienced by some of the modern journal
bearings. The flow will be turbulent and inertial forces are expected to
exceed viscous forces. While the Reynolds theory ignores inertial effects,
the influence of inertial effects on hydrodynamic journal bearings has
been experimentally investigated and reported that with the rotating
fluid particle confined between two surfaces, the centripetal, Coriolis,
linear, and angular acceleration components dominate and the inertial
effects may be neglected. Therefore, such an annular geometry can carry
appreciable loads even with the journal rotating at high speeds [49]. In
other applications, the rotational speed of the hydrodynamic journal
bearing is limited by the factor of heat generation due to friction
[50-53]. This is already accounted for in our analysis in the preceding
section.

In the subsequent analysis, the author used the Luis correlation due
to the simplicity of the expression, by substituting L = 2aR and Q = Vy/
R, the restoring force corresponding to a radial deflection is estimated as
[46].

B uVo(aR) [ 8¢
o e

The stiffness can be determined by dividing the expression for the
force by the displacement. The shaft displacement is known as eccen-
tricity (e).

W,
K. =K =— 19
e

It would be instructive to express the cooling zone stiffness as a
multiple of the stiffness of the rotor shaft as K. = A x K;. The magnitude
of the coefficient A then represents a measure of the contribution of the
cooling zone stiffness to the overall shaft stiffness. The stiffness of the
rotor shaft can be computed by a simple beam analysis. Recall that the
rotor shaft is overhung supported by two bearings as shown in Fig. 2.
The spring constant for this geometry can be calculated as follows [54]:

W 3EI
5 [D?(1.63 +a)’ (2.68 +a+b)|

s

(20)

where ‘E’ is the modulus of elasticity for the shaft material, ‘I’ the area
moment of inertia of cross-section of the shaft, a, b, and D represent the
geometry as shown in Fig. 2.

Combining Egs. (19) and (20) and simplifying:

AEIC? 64 €
_o 21
@RVou 2L, 3 ((1 _ 52)2> (21)

where L; = (1.63+ a)and L, = (2.68+ a+ b).

The term on the left-hand side is a dimensionless term that is a
function of the geometry and material properties and can be used as a
measure of cooling zone stiffness. Fig. 8 shows how this dimensionless
number varies with eccentricity ratio (¢ = e/C). At zero whirl, the ec-
centricity is zero and so is the stiffness. Stiffness increases with
increasing eccentricity ratio, which is a manifestation of rotor whirl. As
the whirling rotating shaft approaches the annulus wall, there is a rapid
increase in stiffness.

Fig. 8 can be used by the radial turbine designer to evaluate the
lambda value as a function of the eccentricity ratio (i.e. the whirl
amplitude) at different geometrical and operating parameters. As an
example, assume a 0.5 MW rotor size, a cooling flow inlet temperature of
180 degrees Celsius, and a radial clearance of C = 0.001R. The non-
dimensional value € = 0.95 can be read from the chart as 1853. If the
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Fig. 8. Dimensionless lambda value as a function of eccentricity ratio.

width of the cooling zone is a = 0.5D and the bearing spacing is b = 1D
and using Inconel (E = 1.66 x 10'!N/m?), this gives a value of A is 1.0.
This means that the cooling zone for the stated configuration doubles the
stiffness of the rotor shaft and can make a significant contribution to
rotor dynamic analysis.

5. Rotor dynamic analysis

The analysis of vibration frequencies and critical speeds are the
essential design acceptance criteria of the high-speed turbine rotor
system. The vibration mode consists of two components as forwarding
mode and backward mode. The intersection between the excitation
frequency line and the vibration/natural frequency line is used to
determine the critical speed of the system. Supercritical CO» turbine
rotor shafts have very high rotational speeds and the natural frequencies
need to avoid the blade excitation frequencies that correspond to the
rotational speed and its subharmonics. The Campbell diagram is one of
the important tools to understand and analyze such rotor dynamic
behavior. COMSOL rotor-bearing system simulator has been used to
generate the Campbell diagram in this study. The parametric study has
been conducted for the geometry of the rotor support essential element
shown in Fig. 2.

5.1. Simulation details

The rotor-bearing system simulator consists of bearings and disks
attached to the rotating shaft. The Campbell plot, whirl mode plot, and
the critical speeds are the results of the COMSOL analysis. The geometry
has been modified by the parameters and assumptions given in Table 5
related to the rotor, disk, bearings, and configuration. The rotor is
modified by the geometric dimensions and material properties. The
circular disk with center hole diameter is equal to the outer diameter of
the shaft is modified by the inertial properties. The inertial properties
are computed by the following expressions [55].

dy—D?

my; = /)ﬂ( d 4 o) hd (22)
d:+D?

Ip = md< 4 Jg ”) (23)
d;+D2 I

Iy = e 2

=My ( T + 12) (24)

where mq the mass of the disk, I, the polar moment of inertia, Ig the
diametral moment of inertia, D, the outer diameter of the shaft, hq the
thickness of the disk, dq the outer diameter of the disk. The values of the
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Table 5
Study configurations and rotor parameters.

Applied Thermal Engineering 196 (2021) 117345

Config.  Cooling Bearing 0.5 MW turbine 10 MW turbine Bearings and rotor disc
length factor, spacing factor,
a b
Radial Cooling length Radial Cooling length
clearance, C spring constant, A clearance, C spring constant, A
(mm) (mm)
la 1.0 1.58 0.04 15.0 0.12 4.5 — Tilted pad bearing stiffness 5.3 x 10°N/m
1b 0.06 4.0 0.16 2.0 [56]
lc 0.08 1.5 0.25 0.5 — Inconel shaft diameter 76 mm and 152 mm
2a 2.0 2.58 0.04 321 0.12 92 for the 0.5 MW and 10 MW turbine
2b 0.06 79 0.16 40 respectively
2c 0.08 33 0.25 10 - Rotor disc mass 10 kg and 382 kg for the

0.5 MW and 10 MW respectively [30]
— perating speed 3141 and 900 rad/s for 0.5
MW and 10 MW respectively

disk geometry have been adopted from Ref. [30].

The effects of using different cooling zone lengths and bearing
spacings are examined. These different geometry configurations are
considered with three radial clearance values chosen from the range of
clearance ratios typically encountered in journal bearings. The corre-
sponding )\ values were computed to investigate the contribution of
cooling length to rotor dynamics. A one-fold decrease in the radial
clearance impact is a two-fold increase in the lambda value (Table 5).

5.2. Simulation outcome

Campbell charts are the tools traditionally used to avoid possible
turbomachinery vibration problems. The Campbell charts have been
constructed for the configurations listed in Table 5. Fig. 9 shows an
example. The x-axis represents the shaft speed, Q, and the y-axis the
natural frequency. Two first-order solutions to the shaft vibration
equation correspond to forward synchronous whirl and backward syn-
chronous whirl. Forward synchronous whirl is the most common in
practice but under certain anisotropy conditions such as oil film bearings
and anisotropic rotors, it is possible to get backward whirl motion. Both
whirl frequencies are shown in the Campbell chart. They do not change
much with the rotational speed. Only the forward whirl will be
considered in the analysis below. The sloping lines in Fig. 9 are examples
of excitation frequencies and are referred to as excitation frequency

800 .

0.5MW Turbine , Config. 1(a)

lines. The main excitation is the rotational speed, i.e. the line at @ = Q.
The others for ® = 2 Q and ® = 0.5 Q result from the fluid-rotor in-
teractions, for example, the blade passes. There are usually many of the
latter that needs to be considered but only two are shown in Fig. 9 to
avoid clutter. An intersection of a whirl frequency line with an excitation
frequency line is to be avoided because it corresponds to a resonant
condition.

The purpose of the present analysis is to show how one can ascertain
the effect of the cooling zone design on the rotor shaft vibrations.
Therefore, it is sufficient to focus only on the main excitation frequency
line (0 = Q). The intersections of the main excitation frequency line with
the forward whirl frequencies have been computed for all configurations
listed in Table 5 and the results are shown in Table 6.

As expected, the addition of the cooling length stiffness to a 0.5-MW
rotor design results in a stiffer shaft by about 13-42% for a dimen-
sionless cooling length of a = 1.0 and 47-55% for a = 2.0, where a is the
dimensionless cooling zone length. The numbers are similar for a 10-MW
turbine size. A stiffer rotor shaft makes it easier to tailor the overall
rotating assembly stiffness by, if necessary, manipulating the support
stiffnesses. Therefore, a stiff shaft is preferable to a floppy shaft. In other
words, the design of a cooling zone with intrinsic stiffness results in a
significantly better outcome.

750+
7001
6501
600+
550
5001

Forward

4501
4001
350+
3001

Backward

2501
200r
1501
100+
50
0

Vibration frequency (Hz)
(\\
[l
N

0 127

254 382

Rotational frequency (Hz)

Fig. 9. Campbell diagram for a 0.5 MW-turbine size and configuration 1a (as in Table 5).
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Table 6
Quantitative results of dynamic performance.
Turbine Configurations  The critical The critical Dynamic
size shaft speed shaft speed performance
with cooling without improved
length cooling length
stiffness (Hz) stiffness (Hz)
0.5 MW la 489 283 13-42%
1b 385
lc 325
2a 427 190 47-55%
2b 399
2c 359
10 MW la 114 63 12-45%
1b 93
1c 72
2a 119 49 45-60%
2b 112
2c 90

6. Trade-offs in designing the cooling zone

Trade-off analysis is essential in this study for prioritizing among the
dual requirements such as shaft cooling and dynamic support. It is
required to cool the rotor shaft and at the same time provide adequate
dynamic support against the vibration under certain conditions.

To cool the rotor shaft up to the desired temperature mentioned in
the earlier sections, the total amount of heat required to remove can be
computed by the following expression.

D

v (T — Ty) + CopViD?a (25)

Or=0.+0r=k
The cooling capacity through circulating the supercritical COy
coolant can be computed by the following expression.

q. = mC,AT (26)
By introducing the definition of the axial Reynolds number, Re,:
ge = 0.57uC,. Re, (2R + C). (Ty — 353) 27)

Combining Egs. (24)-(27), the trade-off relationships between
different parameters as shown in Fig. 10 for two rotor sizes, 0.5 MW, and
10 MW. Inconel shaft materials and the coolant properties at 80 degrees
Celsius and a pressure of 14 MPa are assumed. The Taylor number in this
study Ta > 10° followed the axial Reynolds number is 2.5 x 10* rec-
ommended [43] and the eccentricity ratio is 0.9 for maximum dynamic
support has been used.

The total heat supposed to remove from the cooling zone includes
conduction heat and frictional heat does not depend on the radial

600 10°
Cooling capacity (10 MW) L 102
500 1 Required (10 MW, a=2)
L 101
= 400 - o
= E200: o5
o N
- ~
© m
© 300 SURECY
= Required (10 MW, a=1) -~
£ e s i Nttt s 2 E
S 0=
o 2004
o
Cooling capacity (0.5 MW) L 103
100 1
Required (0.5 MW, a=2) F10~4
S T U B
2 ; 1075
1072 107! 10°

Radial clearance, C (mm)

Fig. 10. Trade-offs in designing the cooling length.
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clearance and are marked by the dotted line at different cooling length
factor for 0.5 MW and 10 MW turbine size. The cooling capacity depends
on the radial clearance and is plotted in the green line for 0.5 MW and
10 MW turbine size. It is seen that the cooling capacity curve is almost
flat due to the insignificant effect of change of clearance on the cooling
capacity. The figure shows that the cooling capacity is always higher
than the cooling required. However, the cooling capacity is greatly
influenced by the axial Reynolds number. The figure implies that the
designer has a degree of freedom to vary the radial clearance to maxi-
mize the maximum dynamic support. The higher the radial clearance
lower the dynamic support plotted by the blue line for 0.5 MW and 10
MW turbine size. The chart can be used for optimizing the dynamic
support for a given rotor design. For example, the maximum lambda
(Am) value read from the chart is 8.1127 x 107, If the cooling length
factora = 1.5 for b = 2.08 leads the A, value is unity at C = 0.13 mm and
C =0.30 mm for 0.5 MW and 10 MW turbine size respectively. The axial
coolant velocity at Reynolds number 2.5 x 10* and coolant properties at
80 degrees Celsius, 14 MPa computed are 7.43 and 3.22 m/s for the 0.13
and 0.30 mm clearances respectively.

7. Conclusion

This article follows the recent developments of supercritical CO5
energy generation radial turbine technology. The bearing and seal
design were found as critical challenges due to the high temperature,
high pressure, and high rotational speed of the supercritical CO, turbine.
A newly designed turbine configuration was adopted in this study to
defend against such challenges. This configuration allows the use of
proven dry gas seal and journal bearing technology with supercritical
CO4 turbines. To isolate the seals and bearings from high temperatures, a
rotor shaft cooling zone is proposed, which cools the rotor shaft while
introducing additional unsupported length. The purpose of this study is
to offer a parametric model to radial supercritical CO; turbine designers
in designing this cooling zone with a dual purpose: cool the rotor shaft
and provide dynamic support to the against vibrations. The following
conclusions are summarized from this study.

(1) While radiation heat transfer can be ignored, the contribution of
frictional heat generation to the cooling load is significant.

(2) The relatively high value of the convection heat transfer coeffi-
cient makes it possible to achieve the required cooling in a shaft
length of one to two diameters. The convection heat transfer
coefficient and the dimensionless temperature distribution are
independent of radial clearance.

(3) Hydrodynamic lubrication theory and simplified correlations
have been employed to investigate the magnitude of dynamic
support in terms of shaft stiffness. It is found that the behavior of
the dimensionless stiffness contribution is a non-linear function
of the shaft eccentricity ratio.

(4) The generalized design chart has been constructed in terms of the
dimensionless number to facilitate a wide variety of turbine size
applications and support optimization.

(5) The rotor dynamic vibration frequencies are analyzed using
Comsol software. Campbell diagrams were plotted for a range of
cooling zone configurations and support lengths. The cooling
zone is found to contribute to the shaft stiffness by 55% to 60%
for 0.5 MW and 10 MW rotors, respectively.

(6) For the values considered, the annular clearance does not affect
the cooling capacity but has a large influence on the stiffness. This
provides the designer with considerable freedom in designing the
rotor assembly in a way to avoids resonance conditions.

The generalized charts and the equations presented in this paper can
be used by the turbine designer to find the optimum trade-off between
the rotor shaft stiffness and the temperature limitations while designing
a supercritical CO; radial in-flow turbine. Further investigation will be
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done using computational fluid dynamics to validate the assumptions
behind the above conclusions.
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